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Abstract

Abstract

Climate change due to global warming is a matter of major global concern. Greenhouse gases
emissions are a key culprit in this process. It is therefore important to reduce energy consump-
tion in order to protect the environment. The decarbonisation of the heating sector would have

a significant positive impact on the environment.

A wide range of heating technologies have been investigated and developed, such as gas boilers,
electric restrictive heaters, heat pumps (HP), and others. In order to reduce fossil fuel consump-
tion and greenhouse gas emissions, researchers have focused on improving the performance of
the existing technologies as well as on developing new fuel-efficient systems such as cogener-
ation and trigeneration cycles. These integrated technologies allow the production of multi-
mode energies including heating, cooling, and/or mechanical power from the same primary
energy source. The energy source can be a fossil fuel, or renewable energy such as solar, geo-
thermal, biomass or wasted heat. Waste heat utilization (from a data centre, internal combustion
engine, chamber exhaust stream, etc.) also has the potential of enhancing the system perfor-

mance by reducing fuel consumption.

In this thesis, an innovative gas fuelled heating system based on a combined heat engine and its
reverse heat pump cycle is proposed and investigated. This system consists of a gas burner, an
organic Rankine cycle power generator, and an air source heat pump vapour compression cycle.
For the theoretical analysis, in-house MATLAB code is developed, and the steady state results
are compared with the results acquired from ASPEN PLUS as a benchmark. Both software
programs use REFPROP as the database for working fluid thermophysical properties. In order
to identify a suitable working fluid for each cycle, a comparative study on various working
fluids was initially carried out. The selection of refrigerant was based on performance and
environmental safety profile. The proposed cycle is designed for domestic hot water supply and
utilizes gas burner flue gases and ambient air to enhance the system overall fuel to heat
efficiency while maintaining the heat pump cycle in a frost free state at low ambient
temperature. The combined cycle shows promising performance, with a fuel to heat efficiency
of 136%. However, the results also show that ambient air temperature fluctuations can have a
significant impact on the combined system’s performance. To tackle this, various control
strategies are proposed and investigated. Also, a dynamic model has been built using ASPEN

PLUS software to simulate and validate the control strategy.



Abstract

Waste heat can offer a steadier heat source than ambient air. Chapter six proposes a combined
system where the waste heat from the data centre is recovered to provide a cooling effect for
the data centre, with the recovered heat used for central heating. The results show that the
system can maintain the data center (DC) room temperature at between 18-25 °C and heat the
returnee water from 50-80 °C. The obtained fuel to heat efficiency is 137%. In addition, various
control strategies have been proposed to tackle the variations in the DC workload. A dynamic

model is used to display the control strategies parameters with respect to time.

Another intended application for the proposed system is the production of refrigeration load by
waste heat recovery from a diesel engine exhaust stream, as presented in chapter seven. The
results show that 47% of the wasted heat can be converted by the combined cycle into useful
refrigeration, with an outlet air temperature of -18 °C. A control strategy (in steady and dynamic

modes) is proposed to simulate the combined cycle under variable diesel engine speed and load.
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Chapter 1: Introduction

1.1 Overview

Over the last decade, dependence on fossil fuel as an energy source has increased remarkably.
It is estimated that overall global oil consumption in 2010 was around 86.4 million barrel/day.
However, the daily demand for crude oil has been predicted to reach over 100 million barrel/day
by 2019 [1]. This growth in demand leads to various environmental and economic challenges,
as fossil fuel usage has numerous major impacts such as acid precipitation, ozone layer damage,
resource depletion, and global warming [2]. Fossil fuel combustion contributes to around 65%
of total global greenhouse gas emissions. Coal, oil, and natural gas produce 45%, 35% and 20%
of these emissions respectively [3]. The depletion of fossil fuel reserves and ever-increasing
prices are further future challenges. To overcome these challenges, two main approaches can
be taken: to develop and enhance the use of alternative energy sources, especially renewable
energy sources such as solar, geothermal, wind, biomass and waste heat, and to enhance the

energy efficiency of existing technologies [4].
1.2 Available heating technologies

1.2.1 Electric heaters

Electric heaters are among the most readily available heating technologies that produce heat
from electricity by thermal resistance. Although their use is gradually declining due to more
advanced heating technology, they are still a viable option in areas where electricity production
is both low cost, and comes with low greenhouse gas emissions. For instance, in
Québec/Canada, 98% of electricity produced by hydro-electric dams, so electric heaters are an

attractive low-cost residential heating choice [5].

It is well known that electric heaters can convert nearly 100% of the supplied electricity into
heat. Balke, E. et al. [6] conducted an experimental and theoretical study on various residential
water heating technologies including solar thermal, heat pump (HP), electric resistive heaters,
and combinations of them. Although the results showed that electric heaters achieved the lowest

coefficient of performance (COP) of 0.95, they achieved quite steady performance over the
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course of a year, with mild decline in performance during summer months due to the reduction
in heat load with the higher input water temperature and without a proportional change in total
energy consumption. In contrast, a solar thermal preheat tank supplying HP water heater
achieved a COP of 2.87 compared to 1.9 for HP alone.

1.2.2 Gas Boilers

A gas boiler is a popular choice for district heating, particularly in countries where natural gas
represents a significant energy source. For instance, in Europe, 80% of energy is provided by
natural gas [7], while in Beijing/China, 11.6 billion cubic meters of natural gas were utilised in
2015 for district heating in winter [8]. Conventional gas boilers have an energy efficiency of
around 90%, with a significant amount of heat rejected in the form of flue gases [9]. The
emission flue gas temperature ranges between 150-200 °C, which holds about 10-12% of the
fuel’s lower caloric value [9, 10]. Recovering heat from the boiler exhaust stream (in a
condensing boiler) therefore has the potential to improve the boiler’s efficiency and decrease
CO2 emissions by reducing natural gas consumption. Since natural gas is a high hydrogen
compound, its combustion will generate water vapour with a latent heat occupying
approximately 70-80% of the overall exhaust heat [8, 10]. However, to recover heat from this
latent heat loss, the flue gases need to be cooled down to a temperature below the dew point,

which is around 55 °C.

Three main heat recovery methods have been proposed in the literature: economizer, air
preheater, and heat pump. Economizers use the boiler’s returnee water as a cold source with
which to exchange heat with the exhaust stream. However, the boiler feed water temperature
usually ranges between 45-60 °C, which is close to the flue gas condensation point, thus limiting
the amount of heat recovery [8, 10]. Since most latent heat is still in the flue gas, the boiler
efficiency improvement achieved is small, at about 2%, making overall efficiency
approximately 93% [9, 10]. An air preheater is another method for flue gas heat recovery. It
uses a boiler’s oxidising air to cool the flue gas. In addition to heat exchange, the flue gas
undergoes phase change, while the air has no phase change. This leads to incompatible thermal
capacity between the two streams, which will limit the heat recovery capacity [8, 10]. The most
promising method for flue gas heat recovery is the use of HPs. The heat pump is used to generate

cold water at between 20-30 °C, which is used as a cold source to exchange heat with the flue
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gas. Thus, the flue gas temperature can be decreased to around 25-35 °C, well below the gas
dew point. This leads to vapour condensation, with a significant amount of latent heat released
for recovery. The use of HP as a heat recovery method has increased boiler efficiency by around
10-12% [11, 12].

1.2.3 Heat pump systems

Heat pump technology is a sufficiently simple and mature reverse heat engine that uses
mechanical power to generate heat transfer between heat source and sink. The principle of a
heat pump operation has been understood for decades, and the first-ever published scientific
application of a reversed heating engine as a heat pump for building heating and cooling was
presented by Lord Kelvin in 1852. In the early 20" century, the Scottish engineer and university
professor James Albert Ewing included in his book The Steam Engine and Other Heating
Engines descriptions of refrigeration and the use of a reverse heating engine in building heating
[13, 14].

Today, heat pump systems are widely used in different applications, such as space heating and
cooling, refrigeration, and hot water supply on both industrial and residential scales. The
principal function of a HP cycle is either heat rejection into the environment to cool a space, or
heat extraction from a source to be used for heating. Various forms of thermodynamic cycles
can be used to achieve these functions, the predominant one being the vapour compression
cycle. In this cycle, the refrigerant gas is initially evaporated, and is then compressed and

condensed in order to transfer heat from source to sink, as shown in Figure 1.1.

Heat pumps represent an efficient and attractive heating and cooling technology as they can
transfer heat from source to sink using less work than is required to convert primary energy to
heat. i.e., the quantity of heat delivered is higher than the power required. Thus, heat pumps are
highly energy efficient, as is represented by their COP [14, 15]. In the UK, most air sourced
and ground sourced HP systems already in use have a COP range of between 1.2-3.6 [16].
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Various types of heat source are used in the HP cycle, such as air, ground source, water, and

solar, as will be discussed in more detail later in this chapter.
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Figure 1.1: A conceptual model of a heat pump (left) and an idealized
cycle represented on an enthalpy-pressure (right) [13].

1.2.4 Combined heat and power systems (CHP)

Combined heat and power (CHP) are integrated systems which simultaneously produce
electricity and heating from a single energy source. The energy source can be from fossil fuels
(e.g. natural gas or coal), nuclear fuel, or renewable sources (e.g. geothermal, solar, or biomass).
Combined cooling, heating and power (CCHP) is slightly different from CHP in that it also
produces an additional cooling effect. A CHP system can convert 60-80% of the primary energy
source into useful thermal energy [17, 18]. Generally, there are two types of CHP: topping cycle
and bottoming cycle. In a topping cycle, the fuel is used to mainly generate electricity, with the
additional heat generated used for additional applications such as industrial processes if high
grade heat is generated, or space heating and hot water supply using low grade heat. In the
bottoming cycle, heat production is the primary application and any extra-energy not used for
heating is converted into electricity. CHP usually consist of a prime mover such as an Organic
Rankine cycle (ORC) or a Stirling engine (SE), etc. and a heat recovery system (usually a heat
exchanger) [19]. The different types of prime mover used in CHP systems are discussed in

chapter two.
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1.3 Types of heat sources

Various types of environmental heat source have been used in HP, ORC and CHP cycles, such

as air, water, ground, waste heat and solar.

Ideally, a heat source should have the following properties:

High and stable temperature during the various seasons

Widely available

Not corrosive or pollutant

Favourable thermophysical properties

Low investment and operation costs

1.3.1 Air source

Air is an attractive heat source as it is free and readily available, and when used as a heat source,
the heat exchanger can be compact, with low thermal resistance. Thus, the system can be more
economical in terms of capital cost. However, some challenges arise when air is used; for
instance, air is more volatile than other heat sources, leading to fluctuations in system
performance with ambient temperature variations. Furthermore, in a HP cycle, the moisture in
ambient air can lead to frost formation on the evaporator, particularly when temperatures fall
below 2-5 °C. This will require a reversal of the heat pump cycle or the use of other energy
consuming means to defrost the exchanger, leading to degraded performance [13, 14]. In a cold
climate, the capacity of the HP can decline dramatically with colder outdoor temperatures,
particularly for ambient temperatures in the sub-zero region where the heating load is required
the most. In this situation, an alternative heating source is frequently required, such as exhaust

air.
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1.3.2 Waste heat sources

Waste heat is a viable heat source which can offer various temperature ranges. It is also a free
energy source that would otherwise be wasted in the environment. Its recovery is capable not
only of enhancing system performance, but also aiding the reduction of greenhouse gas

emissions.

Various forms of waste heat have been used in the literature, such as exhaust air from a
ventilation system, flue gases from combustion process, data centre (DC) waste heat, and
others. Hebenstreit, B. et al. [12] showed that using HP cycle for waste heat recovery from a
biomass boiler has both environmental and economic benefits. The study showed that operation
costs decreased by approximately 2-13 %. Likewise, waste heat recovered from a coal fired
power plant flue gases via a condensing heat exchanger has the advantage of increasing the
longevity of the equipment and reducing the dust (residual particles) in the flue gases, which
can have a positive environmental impact [20]. Wei, M. et al. [10] conducted an experimental
study on a vapour compression heat pump for waste heat recovery from a boiler’s exhaust
stream. The use of vapour HP improved boiler efficiency by over 10%, with the flue gas

temperature reduced to below 30 °C.

Oro, E., et al [21] proposed the use of DC wasted heat to heat water in a nearby swimming pool.
In this design, the heat is transferred through water to water heat exchangers and the returnee
water temperature is used to cool the DC. The results showed that recycling wasted heat can
reduce natural gas consumption by approximately 54%, with an associated redaction in
operational expenses of 16%. In another study, a vapour compression heat pump system was
proposed for DC waste heat recovery [22]. The HP cycle is used to upgrade the temperature of
the wasted heat up to 70 °C, which could be convenient for domestic hot water and district
heating networks. The COP achieved ranged between 3-6 for different wasted heat stages

recovered by various heat pump configurations.

Ebrahimi, K. et al. [23] conducted a thermodynamic and economic analysis of an ORC module
for DC waste heat recovery for electricity production. The results show that R134a and R245fa
as IT server coolant and ORC refrigerant respectively had the best thermal efficiency for the

selected DC operating conditions.
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Waste heat from diesel engine flue gasses is also a viable heat source which can offer a high
temperature range. Diesel engine waste heat recovery via an ORC cycle is presented in chapter

two.

1.3.3 Ground or Geothermal source

Ground or geothermal source, including groundwater, is another attractive heat source due to
the relatively stable temperatures involved, with lower variations throughout the year than
ambient air. It also has a higher thermal capacity, with temperatures closer to the intended
indoor temperature, resulting in higher thermal efficiency due to smaller differences between
the source and sink temperatures [13, 14, 24]. However, a system for extracting heat from the
ground is often expensive to design and install, and requires the involvement of different types

of expertise. In addition, leaking from the coils and pipes of the system poses a problem [14].

Secondary unit

Heat pump unit

PiHeat transferred
to the building's Increase the pressure and
distribution temperature of the refrigerant

system
/

Primary unit
Compressor

Distribution
system

Lower the pressure and
temperature of the refrigerant

Energy exchanging

loops

Figure 1.2: Ground source heat pump schematic diagram [24].

In ground source heat pump system (GSHP), heat can be extracted from the ground using pipes
that are laid down either horizontally or vertically, depending on the area available, intended
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system use, and cost. GSHP system can utilise a geothermal source temperature of up to 73 °C
for district heating [25]. Generally, GSHP is composed of a primary unit (heat exchanger), a
secondary unit (network of underfloor pipes for heat distribution), and a heat pump unit, as
shown in Figure 1.2 [24]. GSHP can also be classified into open loop and closed loop systems
based on the connection between the ground heat exchanger and the HP unit. In an open loop
system, groundwater is pumped through the HP to extract heat, while in a closed loop system,
a heat carrier fluid is used as intermediate medium between the ground and the working fluid,

for example water, water with biocide, antifreeze, or a saline solution [24, 26].

Zhen, J. et al. [27] carried out field measurements on a groundwater sourced heat pump system
designed for an airport on the Tibetan plateau, and compared the results with an existing HP in
the same region. The results showed that GSHP can achieve a higher and more stable COP of
around 5 compared to a COP of between 1.98-2.89 for an air sourced heat pump. Three years
of data from a large scale GSHP for a building at De Montfort University/UK showed
satisfactory system performance with a seasonal performance factor of between 2.49-2.97. In
addition, the fluctuations in the ground loop average fluid temperature were relatively minimal

compared to air temperature variations over the course of the year [28].

For a geothermally driven ORC cycle, the cycle configuration can be either a binary or a single
cycle design. In a binary geothermal power plant, heat from the geothermal fluid is exchanged
with the ORC working fluid via the evaporator. While in a single cycle, the ORC working fluid
draw the heat directly from the geothermal heat source. Liu X. et al [29] investigate the
performance of an ORC cycle with R245fa under difference geothermal heat source inlet
temperature (80-180 °C). The results showed that the ORC cycle can produce a net power output
between 0.473-17.05 kW and an overall efficiency of around 8%. The performance of an ORC
cycle with R245fa and two stage evaporation designed for geothermal power production is
presented by Li, T. et al [30].The results showed that two stage ORC can produce more power
output than single stage evaporation process, particularly for the intermediate geothermal water

temperature of 105 °C.
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1.3.4 Water source

Water is another good heat source with relatively steady temperature compared to air. Various
source of water can be used, such as surface water, groundwater (which can be considered a
geothermal source), seawater, and wastewater. Surface water sources such as rivers and lakes
are good heat sources in principle, but have the limitation of low temperatures in winter months
(between 2-4 °C), with a risk of freezing and consequent frosting on the evaporator. In contrast,
seawater can have a temperature of around 5-8 °C, with a very low risk of freezing. However,
its use is usually limited to medium-large scale heat pump installations. Fouling is another
drawback of seawater use, which requires the use of corrosion-resistant heat pump parts [14,
31].

Wastewater is another attractive source due to its relatively high and constant temperature
performance over the course of a year. Examples of wastewater are public sewage water,
industrial effluents, cooling water from power plants or industrial processes, etc. [32, 33].
Similar to seawater, wastewater can also cause fouling deposits on the heat exchangers resulting

in reductions in performance, and it may even block the heat exchanger [32].

Liu, Z. et al. [34] conducted an evaluation of a river water sourced HP system used in an energy
station in Shanghai/China. The results supported a linear relationship between river water and
air temperature throughout the year. In winter heating mode, the COP of the HP unit alone and
the overall COP of the system (including the river water pump power consumption) were 7.4
and 5.2, respectively. In cooling mode, the COP values were 6.5 and 2.6, respectively.
Similarly, Zou and Xie [35] also reported that lake water temperature has a linear relationship
with air temperature. In their experimental study, a lake water sourced HP used in a university
building achieved average COP values of 4.27 and 3.81 for cooling and heating modes,

respectively.

1.3.5 Solar source

Solar heat source systems can have similar behaviour to air source systems in terms of
variability of performance and low efficiency in certain circumstances. However, in contrast to
air, which is free source, solar heat is usually costly to obtain. In addition, an additional back-
up or storage system is often required with solar source due to its dependency on daily
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irradiation levels. It is therefore mostly used as a supporting system to an existing heating
technology [36, 37].

Energy and exergy analysis has been carried out on a novel solar driven combined heat and
power system [38]. The combined ORC- absorption HP system is totally dependent on solar as
the primary energy source. The results showed that the cooling power increased by 48.5% by
adopting the double effect absorption chiller. Simultaneously, in spite of a fall in net power
production by 27%, the combined system heat and power efficiency increased by 96% as a
result of the 20.5% rise in heating power. Also, the solar collectors had the highest exergy

destruction rate among all system components.

A thermal energy storage (TES) system integrated with an ORC power cycle driven by a non-
concentrated solar array collector has also been designed and examined [39]. A mathematical
evaluation was carried out to compare and contrast the climates of Cyprus and the UK over
specific months (January, April and July). The results showed that by using evacuated flat-plate
collectors, the solar-CHP system achieved 4.4-6.4% solar to electricity conversion efficiency
in the UK, and 6.3-7.3% in the Cyprus.

A hybrid combined heating and power system was proposed by Wang and Yang [40]. The
system consists of a biomass gasification subsystem to power an internal combustion engine
for electricity generation. Exhaust gas from the ICE is used to drive an absorption chiller, which
is used to produce chilled water while the wasted heat from the biomass gasification process
and ICE assisted by the solar evacuated collector are used to supply hot water. The results
showed that the proposed combined system achieved a primary energy ratio and exergy
efficiency of 57.9% and 16.1%, respectively. In addition, the reduction in carbon dioxide

emissions was 95.7%.
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1.4 Challenges in existing heating technologies

The main challenges encountered in existing heating technologies can be summarized as follow:

1. Electric heaters can achieve a maximum COP of 1 with limited options of development due

to the simplicity in design and work concept.

2. In agas burner, a significant amount of heat is rejected in the flue gases, which will limit

the system thermal efficiency to around 90% for most condensed gas boilers.
3. The main challenge faced by an air source HP system can be summarized as follow:

e The fluctuation in system performance with ambient air variations on daily and
seasonal bases. As ambient temperature declines, the temperature lift across the HP

cycle will rise, leading to a reduction in the COP.

e A low ambient temperature can result in frost formation on the HP evaporator,

leading to further reductions in performance.

e Furthermore, in a HP cycle used for hot water supply, the required water temperature
is often high (usually above 65 °C to ensure the death of any legionella bacteria).
Such a high temperature will reduce the COP of the system, as high discharge

pressure is required.

e An electrically driven HP system experiences energy losses during electricity
transmission through the power grid. This will reduce the system’s overall fuel to

heat efficiency.

4. In a standalone ORC power plant, not all the heat produced can be converted into useful
mechanical work because part of the heat should be rejected into the environment as wasted
heat in order to satisfy the second law of thermodynamic.
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5. In CHP system producing multi energy modes such as power, heating and cooling demands,
can face challenges in balancing between these energy modes particularly during the various

seasons of the year.

1.5 Motivation for the present work

The motivation behind the current study is to design and investigate a combined system that

can overcome the challenges faced by standalone HP, ORC and gas burner as follow:

e To overcome ambient temperature fluctuation in HP system, a mixture of ambient air and
gas burner flue gases is used to feed the heat pump evaporator. This can also ensure that
frost formation on the evaporator is prevented.

e To avoid the high temperature lift in the HP system, water heating is designed to occur in
two stages, through HP and ORC condensers respectively. This will reduce the discharge

pressure required for the HP cycle and maintain a high COP.

e In the combined system, all the mechanical power produced from the ORC power plant
will be transferred by direct coupling with the HP cycle to be transformed into heat energy.
This will eliminate both the electric generator of the ORC system and the electric motor of

the HP, thereby avoiding electrical transmission losses.

e By recovering all the heat rejected in the gas burner exhaust stream, the gas burner
efficiency is expected to improve. In addition, the rejected heat from the ORC cycle is
totally recovered. This will improve the overall fuel to heat efficiency of the combined

system.
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1.6 Aims of this research

The aims of this research is to theoretically investigate a gas driven combined ORC-HP system
as follow:

Comparing different working fluids for HP and ORC cycles respectively in terms of

efficiency, safety and environmental aspects.

e Investigating and comparing the combined system performance using different
configurations, including combined system with and without post heater, a combined
system with HP condenser as the first heating stage and a system with ORC condenser

as the first heating stage.

e Investigating the combined system for the following applications: domestic hot water
supply, data centre cooling with simultaneous central heating, and providing
refrigeration load from diesel engine waste heat.

¢ Implementing various control strategies to achieve the maximum obtainable combined
system thermal efficiency when working conditions varies. These working conditions
includes variations in ambient air temperature, Data centre workload, and diesel engine

power production.

To achieve these, the combined cycle has been thermodynamically analysed in terms of the first
and second laws of thermodynamics. An in-house MATALB code is developed for this purpose
and the results are compared and validate with that obtained from ASPEN PLUS software [41].
In both simulation models, REFPROP database [42] is used to obtain the thermophysical
properties of the working fluids to ensure accurate comparison of the obtained results.

1.7 Outline of the thesis
A brief introduction of the available heating technologies with their used heat sources and prime

movers has been provided in this chapter. An extensive literature review of the various

combined heat and power cycles that have been used in different applications is presented in
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chapter two. This literature review is used as guidance with which to understand the
thermodynamic principles and concepts behind each of these technologies, their design
methodology and optimisation approaches, and as verification for the current research. Chapter

three demonstrates the theoretical laws and mathematical equations adopted in this work.

Chapter four presents a comparative assessment of various working fluids for both ORC and
HP cycles in terms of system performance in heating and cooling modes, and their respective
environmental impacts. Chapter five describes the design and efficiency performance of the
proposed combined system used for domestic hot water supply. It also discusses the proposed
control strategy to tackle the effects of ambient temperature variation on the system
performance. The results of these strategies have been verified by a dynamic model using
ASPEN PLUS software.

Chapter six focuses on the use of the combined system for waste heat recovery from a small-
scale data centre to provide cooling. The recovered heat is used to produce hot water for a
central heating application. To tackle the variations in data centre cooling load, various control

strategies were proposed and investigated.

Chapter seven discusses the use of the combined ORC-HP cycle as a bottoming cycle for a
diesel engine. The heat recovered from the diesel engine flue gases is used to power the ORC
cycle which then mechanically drive the HP cycle to provide refrigeration load. The simulation
is conducted under the diesel engine rated condition. In addition, the effects of various diesel

engine power and rotation speed on the combined system performance are studied.

Finally, chapter eight presents a summary of the work presented in this thesis with a plan for

future work.
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Chapter 2: Literature review

2.1 Introduction

In cold countries such as the UK, heating applications consume approximately 50% of the
energy produced, which is heavily reliant on burning fossil fuels such as natural gas and coal.
Such consumption accounts for nearly one third of carbon emission. In addition, the ever-
increasing demand for, and cost of, fossil fuel, along with tighter environmental regulations
regarding CO> gas emissions, have motivated researchers to focus on innovative fuel-efficient
technologies. Cogeneration, trigeneration and multigeneration technologies have gained great
attention in recent years due to their potential to provide more efficient usage of available
energy sources. Cogeneration technology generally involves combined heat and power,
combined cooling and power, and combined cooling and heating. Trigeneration involves the
combination of cooling, heating and power. These integrated technologies allow the
simultaneous production of heating, cooling and/or electrical or mechanical energy (power)
from the same energy source. The energy source can be a non-renewable one such as oil, coal,
or natural gas, or a renewable one such as solar, geothermal, biomass, wasted heat, or other

types of renewable energy sources.

The essential part of any combined heat and power system is the prime mover, which means an
engine that provides the CHP system with its mechanical power. This can be achieved by
converting the chemical energy contained in fossil fuels into mechanical work such as
reciprocating internal combustion engines, steam or gas turbines. In additions to the heat
generated from combustion, ORC and Stirling engine can be powered by renewable energy
sources. Fuel cells can also be used as a prime mover for the CHP due to its ability to supply
power as a form of direct current in an electrochemical process similar to batteries [19]. In the

following section, a brief description of the main prime movers will be presented.
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2.2 Types of prime movers for CHP systems

2.2.1 Steam turbine

The steam turbine (also called the Rankine cycle) is one of the oldest and most established heat
engines. Water, as the working fluid for this cycle, is boiled and superheated using a high energy
heat source such as fossil fuels or nuclear reaction. This high energy fluid is then expanded
through the turbine in a single or multiple stages to generate mechanical power. The turbine
shaft is connected to the electrical generator to transform the mechanical work into electrical
power, while the high-temperature and low-pressure water vapour is condensed through the
condenser by a heat sink. This latent thermal energy is used for heating applications. A high
pressure liquid pump is used to pump the condensed water to the boiler to continue the cycle
over [19].

2.2.2 Gas turbine

A gas turbine cycle works on the thermodynamic principle of the Brayton cycle. It mainly
consists of a compressor, a turbine, a combustion chamber, and an electric generator as shown
in Figure 2.1. The ambient air is compressed by the compressor then mixed with the fuel inside
the combustion chamber. A combustion process takes place to generate high pressure and
temperature gases. The combustion products are expanded through the turbine to generate
mechanical power which is used to generate electricity via a motor generator. The high
temperature exhaust gas stream at the turbine outlet (450-600 °C) has the potential to be
recovered for heating applications or power production [43, 44].
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Figure 2.1: Schematic of a gas turbine combined CHP cycle [43]

2.2.3 Reciprocating internal combustion engines

In a typical internal combustion engine (ICE), the pistons of the engine complete four main
process (strokes) to convert the combustion reaction into mechanical power. Two common
types of ICE are in service nowadays, the spark ignition engine which is fuelled by natural gas
or gasoline, and the diesel engine where diesel fuel is ignited by the compression stroke.
According to the second law of thermodynamics, not all the heat generated from the combustion
process can be transferred into mechanical work. It is estimated that around 55% of the energy
available in the fossil fuel is wasted in the ICE, of which 30-40% is contained in exhaust gases
and 15% in jacket water [45]. It has been found that the temperature of the coolant fluid of the
engine jacket can range between 80-90 °C, and the temperature of the combustion product
exhaust stream can reach 400-600 °C. This wasted energy has the potential to be recovered by
the CHP system to produce power and heating simultaneously, and even a cooling effect, as

shown in Figure 2.2.

17



Chapter 2: Literature review

Engine exhaust gases

Gas

B & v

Control
panel

| e |
—

Engine
exhaust

Q'/ — |
?% T — T
Hot water supply to site =———) ‘l‘iej Engine Generator |
[ ol |

71| W —F

i *( - |

Exhaust heat
exchanger

Engine heat
exchanger

7 Cool water
return from site

+ Electricity

Figure 2.2: A packaged internal combustion engine CHP system [44]

2.2.4 Stirling engines

A Stirling engine is classified as a heat engine which operates on the Carnot cycle principle in
which the working fluid, such as air or helium, undergoes four thermodynamic processes:
compression, heating, expansion, and finally cooling, as shown in Figure 2.3. Stirling engines
are approximately 30% efficient in converting heat into mechanical power. It is estimated that
the fuel to electricity efficiency of a Stirling engine used as a micro CHP can reach 38% when
its rejected heat is recovered [46]. However, some drawbacks related to electric power
generation are encountered, such as low electric efficiency, difficulties in controlling the power

system caused by the different types of heat exchangers used, and the requirement for high

pressure working fluid.
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2.2.5 Organic Rankine cycle

An organic Rankine cycle is a heat engine similar to a steam turbine which uses organic fluid
rather than water as a refrigerant, and offers the potential of converting low grade thermal
energy (less than 230 °C) into useful mechanical work, because organic fluids have lower
boiling points and higher molecular masses. In addition, in an ORC cycle, lower evaporation
pressure and a superheated degree of working fluid at the evaporator exit are required compared
to the Rankine cycle. Furthermore, the selected working fluid should ideally be dry fluid to
avoid condensation of the working fluid through the expansion process [47, 48]. The main parts
of an ORC are an evaporator, a turbine, a condenser, and a pump. The evaporator, also called a
boiler, is a heat exchanger used to evaporate the working fluid by exchanging thermal energy
with the heat source. The result of the evaporation process is a high pressure and temperature
refrigerant vapour which will expand through the turbine to produce mechanical power. After
that, the refrigerant is condensed by the condenser heat exchanger through rejecting the heat of
vaporization to the coolant. The condensed liquid refrigerant is pumped to the evaporator by a
liquid pump to restart the cycle. Other parts can be added to the ORC to improve the cycle

efficiency, such as a recuperator, which is a heat exchanger used to transfer heat between the
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refrigerant at the expander exit, and an evaporator inlet. In addition, a storage tank and

controlling valves could be added, as shown in Figure 2.4.
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Figure: 2.4: Block diagram of the Organic Rankine cycle [48]
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2.3 literature review on combined technologies

Different integrated systems have been proposed and investigated in the literature. Those which
are of particular interest to this thesis are presented below:

2.3.1 Combined heat pump systems

Various heat pump cycles have been integrated in the literature using different prime movers
such as gas turbine, internal combustion engine and ORC cycle. These combined systems that
are designed for heating and cooling applications are presented below:

2.3.1.1 Gas turbine powered HP system

The use of a gas turbine as a prime mover in a CHP system has been proposed by a number of
researchers. The integration involves a gas turbine powered by natural gas being used to drive
various heat recovery technologies, such as absorption HP system, GSHP, absorption chiller,

or conventional heat exchanger.

Zhao, X., et al. [49] presented a flue gas recovery system for a CHP gas turbine power plant
driven by natural gas for a district heating application. The proposed system involves an
absorption HP system to reduce the return water temperature for further heat recovery and hence
enhance the overall system thermal efficiency. Furthermore, the new system layout was
compared with a traditional gas boiler district heating system. The results showed that the new
design configuration can secure a heating utility by area of 660 thousand m? greater than the
gas boiler. The new technology can reduce the flue gas temperature to 11 °C, meaning that the
flue gas thermal capacity is greater than the old design by 69 MW. In addition, the energy
consumption is reduced by 6% and the HP achieved a COP of 25 which can be considered a
significant improvement over the electrical HP. Moreover, the new design configuration can

reduce CO2 and NOx emissions by 16.2 thousand and 6 tons per year, respectively.

Kang, S., et al. [50] proposed a combined heat and power system involving integrating a gas
turbine with a ground source heat pump cycle to provide domestic hot water. The new proposed
system was compared with the traditional combined CHP-GSHP system. The reference system

consists of a gas turbine powered by natural gas to produce electrical power; the wasted heat is
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recovered by a heat exchanger to generate the first domestic hot water steam at a temperature
of 55 °C, while some of the electricity generated from the gas-turbine is used to power the
GSHP compressor and liquid pump. The GSHP is used to produce a second hot water stream
at the same temperature as the first stream. In contrast to the original combined CHP-GSHP
system, the new proposed integrated system generates only one domestic hot water flow, but in
two separated heating stages. The first heating stage is carried out in the GSHP condenser to
warm the cold tap water to around 35 °C. After that, the water reaches its desired and final
temperature (55 °C) at the outlet of the heat exchanger by recovering heat from the gas turbine
exhaust flue gas, which has a temperature of 508 °C. The results for the new integrated approach
showed that reducing the HP condenser pressure to generate warm water of 35 °C leads to a
lower pressure ratio and therefore better COP. This improves the overall combined system
efficiency. The performance comparison between the two approaches can be summarized as
follows: for the new proposed system, the total system energy efficiency is higher by 3.9%, and
the GSHP COP increased from 5.06 to 6.95. In addition, the net output power is greater than
the original cycle by 669 kW.

Cai, B., et al. [51] proposed a new novel CHP coupled with a ground source heat pump system
for further heat recovery from the natural gas exhaust stream. The new system configuration
was analysed thermodynamically, tested experientially and compared with a traditional
cogeneration system. In the traditional CHP-GSHP system, the high-grade heat contained in
the exhaust stream rejected from a gas turbine power plant is used to heat cold water. The
remaining heat in the stream is rejected into the environment at a temperature of around 140
°C. Some of the power generated from the gas turbine is used to drive the compressor of a
GSHP system. This HP system is used to generate another hot water stream using a vapour
compression HP cycle. In the proposed system, the exhaust stream that would otherwise be
rejected into the environment is directed to a geothermal well for further heat extraction,
reducing the exhaust stream temperature to around 50 °C. This heat can be transferred and
stored via a polyethylene material heat exchanger. The advantages of this new system
arrangement are that it improves the COP by reducing HP cycle condensation pressure, and
solves the imbalance problem of heat being added and removed from and to the soil in the
GSHP system. In addition, by adapting the polyethylene heat exchanger, the exhaust stream
temperature will drop below the dew point. Thus, the condensed exhaust stream will accumulate

acid and therefore minimise sulphur emissions into the environment. The analytical results
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showed that the first and second thermodynamic laws of the new proposed cycle can be

improved by 10.7% and 10.4% respectively compared with conventional systems.

Lei, H., et al. [52] conducted a comparative study of different supplementary heat strategies on
CHP comprised of a micro gas turbine coupled with an absorption chiller driven by flue gas
energy. The function of such a small-scale system is to provide cooling, heating and power
energy. This study addressed one of the main practical challenges of any CHP system, which
is when the CHP system has to work in partial load conditions due to an imbalance between the
user demand for power and thermal energy and the maximum system output. Four different
heat supplementary strategies are proposed and analysed when the exhaust flue gases of the gas
turbine are insufficient to drive the absorption chiller. In strategy one, the flue gas temperature
is increased at a constant flue gas mass flow rate while in strategy two, only the exhaust mass
flow is increased. Increased gas turbine power is the approach adopted in strategy three, and
the fourth method involves adjusting flue gas mass flow and temperature taking into
consideration the absorption chiller cooling capacity and the COP. The results showed that the

first control strategy achieved better system performance than the other methods.

2.3.1.2 Gas powered HP system (GPHP)

Recently, scientific researchers have focused on designing and improving heating and cooling
technologies with the advantage of waste heat recovery. Among these devices is the gas-
powered heat pump cycle (GPHP), which consists of conventional vapour compression cycle
driven by a gas fuelled internal combustion engine. The wasted heat from the gas engine
(exhaust gas and engine cylinder jacket) is recovered by the HP cycle to enhance system heating

efficiency.

An experimental and theoretical research was conducted by Yang, Z., et al. [53] to study the
performance of the GPHP as a water heater applicant. The HP cycle in that study utilizes the
ambient air temperature as a heat source for its evaporator. The water is separately heated and
stored in two tanks by the heat rejected from the heat pump condenser and by utilizing the waste
heat from the gas engine cylinder and exhaust. The recovered waste heat from the gas engine
is proposed to solve the evaporator frosting issue when the system works at low temperatures

and in a high humidity climate. The results illustrated that heating capacity rises with increasing
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shaft engine rotation speed and water flow, but drops with rising water temperature. Moreover,
three different defrost processes were proposed and analysed. Method one uses wasted heat
only; method two reverses the HP cycle and the third approach involves a combination of both.
The experimental test showed that although method one takes more time, it increases the water
temperature in the storage tank through the operating time; the other two methods showed the

opposite trend.

Hu, B., et al. [54] carried out an experimental and theoretical study centring around a GPHP
system for heating purposes. In this study’s system, the heat source for the HP evaporator is a
mixture of ambient air and flue gases. The heat contained in the engine jacked coolant is used
to superheat the working fluid at HP compressor inlet. The results showed that the combined
system operational performance is highly dependent on ambient air temperature and gas engine
speed. It also concluded that the gas engine speed should be set as low as possible to achieve

the required heating capacity for optimum engine thermal efficiency.

In order to explore the stability and reliability of a combined gas engine air to water HP system
for domestic hot water application, Liu, F., et al. [55] built and tested an experimental prototype.
In this system, the engine waste heat (jacket and exhaust) is recovered to heat the water. Another
hot water stream is generated from the HP cycle by utilizing a low-grade heat source (ambient
air temperature). The results showed that the system can produce a range of hot water at between
40-60 °C. Moreover, in winter, it is recommended to meet the demand for high temperature
water from the recovered wasted heat engine rather than the HP condenser to ensure that the
gas engine speed and the HP temperature lift can operate constantly and at as low a level as

possible to achieve the highest efficiency of performance.

Another experimental study by Liu, F., et al. [56] was carried out on a combined system
designed to provide hot and cold water simultaneously. The hot water is produced by utilizing
the wasted heat from the gas engine case and exhaust, and the HP cycle is used as a water cooler
by absorbing heat from the cold tank water and rejecting it to the environment. The results
showed that the evaporator water inlet temperature and the engine speed are the main
parameters affecting both the system primary energy ratio (PER) and heat pump COP. The
ambient air temperature has a direct effect on cooling capacity and hence on total capacity. The
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proposed system can provide hot water at between approximately 40-62 °C, and cold water
between 6.7-19.3 °C.

It is evident that the gas engine speed has a significant impact on engine performance. In the
gas engine HP system, the engine speed should be adjusted to satisfy the variation in heating
and cooling loads. Therefore, various studies have proposed hybrid powered gas engine HP
systems (HPGHP) which feature a dual energy source to tackle this problem. This new type of
system is based on combining the gas engine with an electric motor powered by a battery pack.
The electric motor works as a generator to charge the battery, and when it is fully charged it
can act as a prime mover for the compressor. By efficiently switching between both power
sources modes, i.e., distributing the required compressor torque between the engine, motor or
both, fuel consumption can be kept to a minimum. The proposed HPGHP system shows
superior thermal, economic and environmental performance compared with traditional GPHP
[57, 58].

2.3.2 Combined gas burner-ORC system

A gas burner is a primitive technology that mainly relies on burning natural gas, crude oil, and
coal. The heat generated from the burner can be used to thermally drive a power cycle such as
an ORC cycle. In addition, the wasted heat contained in the exhaust stream as a combustion by-
product has high thermal energy. This wasted heat has attracted the attention of many
researchers who have suggested recovery methods using various technologies such as CHP

systems.

A small scale micro CHP consisting of an ORC power plant powered by natural gas-fired was
designed and tested experientially [59]. The intended design for this system is a miscellaneous
heating application, while the electricity generated is considered as a beneficial by-product. The
cold tap water is heated to 65-85 °C in the gas burner, then this heat is transferred to the working
fluid in the evaporator. The return water can be used for space heating, hot water supply, and
domestic washing. In addition, the sink water in the condenser is also used in mixed heating
applications. Isopentane is selected as the working fluid due to its proper thermophysical
properties and environmentally friendly behaviour. An in-house vane expander was designed

and manufactured specifically for the study. Thermodynamic analysis was carried out on the
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combined CHP system in terms of the first and second laws of thermodynamics. The results
showed that the maximum achievable expander output power is 77.4 W when the heat source
temperature is 84 °C. In addition, the net cycle electrical efficiency is 1.66%. The combined
system heating efficiency varied slightly at different heat source temperatures, but it is highly
dependent on the water heating device.

An experimental research was conducted by Zhou, N., et al. [47] to design and construct an
ORC cycle for low temperature flue gas waste heat recovery from an industrial process. In this
system, typical ORC cycle components including a fin-tubes evaporator, a double tube sides
condenser, a scroll expander and a liquid pump are used. In addition, R123 is used as the
working fluid for its merits such as non-flammability, non-toxicity, low cost and environmental
friendliness. The heat source for the test rig is an exhaust gas stream of low temperatures
varying between (90-250 °C), from burning liquefied petroleum gas (LPG) mixed with ambient
air in a stove. The heat sink is cold water circulated from a storage tank to condensate the
refrigerant in the condenser. The study investigated the relations between the main cycle design
parameters, including evaporator pressure, heat source temperature, R123 superheat degree,
expander output power, cycle efficiency, heat recovery efficiency, and exergy efficiency. The
main findings showed that increasing evaporator pressure results in a rise in turbine output
power, cycle thermal efficiency and exergy efficiency. Increasing the heat source temperature
leads to higher expander output power, greater energy recovery, and a rise in exergy efficiency.
Increasing the refrigerant superheat degree reduces the cycle performance. Overall, the cycle
produced net mechanical power of 0.645 kW with a total thermal efficiency of 8.5%.

Peris, B., et al. [60] conducted an experimental study on a regenerative ORC power cycle for
the combined purpose of electrical power and thermal heat production. The combined cycle is
thermally fed by a thermal oil close loop heated by a gas boiler to simulate the heat capturing
process from low grads heat source temperatures in the range of 90-150 °C. In addition, the
rejected heat from the cycle condenser is used to produce hot water at between 30-90 °C.
Moreover, R245fa refrigerant is used as the working fluid and the volumetric expander is
measured in the test bench. The results showed that increasing the thermal oil inlet temperature
and cycle pressure ratio will result in higher thermal energy being captured by the ORC
evaporator. This in turn increases the net power output from the expander. However, at each

heat source temperature, the hot water outlet temperature declines as the cycle pressure ratio
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increases, due to the decline in the ORC condenser pressure which is responsible for the final
water temperature. Therefore, in this test, the cycle achieved a maximum thermal energy input
of 390 kW, a thermal energy output of 350 kW, and a hot water temperature of 90 °C. In
addition, the highest obtainable net electrical power and gross electric power were reported as
30.91 kW and 36.58 kW, respectively. More results showed that the cycle thermal efficiency
increases with the pressure ratio, reaching a value of 7.92% at the maximum gross electric
power and 9.4% at the highest net electric power. At a cycle pressure ratio of between 2-3, the

expander isentropic efficiency achieved its highest value of 70%.

2.3.3 Diesel engine driven ORC cycle

Various studies in the open literature have investigated the use of the ORC thermodynamic
cycle for waste heat recovery (WHR) from diesel engines. It has been established that a typical
diesel engine (DE) rejects around half of the total energy it consumes through the exhaust and
coolant streams in order to produce useful mechanical work [45, 61, 62]. These thermal fluids
(exhaust and coolant streams) have the potential to be reused as a heat source for an ORC cycle

for power production.

Yu, G, et al. [45] presented a simulation model to evaluate the performance of a real ORC
cycle bottoming diesel engine for waste heat recovery from the engine jacket cylinder and
exhaust. A schematic diagram of this system is shown in Figure 2.5. Extensive thermodynamic
analysis was carried out on the waste heat recovered, ORC output power, system efficiency,
exergy destruction, and efficiency. DE working conditions such as engine load and speed, and
exhaust mass flow rate and temperature, were collected experimentally from a heavy-duty

turbocharged six-cylinder DE used in a generator plan.
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Figure 2.5: Schematic diagram of the bottoming ORC of a diesel engine [45]

The results showed that when the engine load varies from high to low, high thermal energy is
recovered from the exhaust stream (75%) compared with a lower value acquired from the
engine cylinder (9.5%). The ORC cycle achieved 14.5 kW net output power, recovery
efficiency of 9.2%, and exergy efficiency of 21.7% under a rated engine condition. In addition,
combining the ORC-DE has the potential to improve the DE thermal efficiency to 6.1%, and

the ORC thermal efficiency up to 5.8% at an evaporation pressure of 30-31 bar.

Bombarda, P., et al. [62] conducted a comparison study between ORC/Kalina cycles via a
bottoming diesel engine exhaust for waste heat recovery purposes. The engine used was
designed to work as an electrical generator with a capacity of 8900 kWe. A mixture of Ammonia
and water, and Hexamethyldisilane are used as working fluids for the Kalina and ORC cycles,
respectively. The comparison results showed that the recovered net output power from Kalina
and ORC cycles was 1615 and 1603 kW, respectively. However, the Kalina cycle required a

high pressure value of approximately 100 bar to reach maximum performance, compared with
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the ORC cycle which required only 10 bar. The Kalina cycle achieved slightly higher cycle
performance, however this was only achievable at low logarithmic mean temperature
differences in the heat recovery exchanger, which requires a large exchanger surface area. In
addition, using a high pressure Kalina cycle could add more challenges to the basic cycle
configuration in which the cycle should work either using high turbine rotational speeds or a
multistage configuration. Also, to avoid possible corrosion in the Kalina cycle components,

expensive materials are required.

Steady and transient simulations were carried out by Zhao, M., et al. [61] to evaluate the
performance of a diesel engine combined with an ORC power cycle for WHR. The results for
a diesel engine operating in different working conditions were experimentally tested. The
engine performance was evaluated and compared both with and without the ORC cycle. The
results showed that the main important performance parameters for the DE combined with ORC
cycle improved; the net power output increased by 4.13 kW, the fuel consumption fell by 3.61
o/ (kW h), and the thermal efficiency improved by 0.66%. The transient results also support the
benefits of using the ORC cycle, which obtained total combined cycle output power of 168.24
KW.

The ORC evaporator can have a significant impact on system performance. Therefore, a number
of studies have focused on this part. An experimental and theoretical study on combined ORC-
DE was conducted by Koppauer, H., et al. [63]. In this study, two heat exchangers (HXs) instead
of one for an ORC evaporator were set in the test rig. One is placed after the exhaust
aftertreatment, and the other is installed in the exhaust recirculation. Water mass flow is
proposed to maintain the ORC condenser pressure below atmospheric pressure to maximize the
turbine output power and hence the system recovering efficiency. In this study, steady and
dynamic mathematical models were drawn from the literature with further development. The
results of both models were validated with those obtained from the experimental rig. The results
revealed that the evaporator steady state model achieved good accuracy with only a small
fraction of error. In addition, the dynamic simulation results were in agreement with those
acquired from the transit behaviour of the test rig. Furthermore, a control and optimization
method has been developed which utilizes the steady state model and takes into account the

practical design parameters, such as the decomposition temperature of Ethanol as the ORC
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working fluid. This method can be directly used to identify the operating points in the combined

ORC-DE cycle in order to maximize the energy recovered and the expansion power output.

A dynamic model of a 2-phase heat exchanger for use in a DE-ORC system has also been
developed [64]. The system is designed to recover waste heat mainly from the main exhaust
and gas recirculation streams. Mass and energy balance equations were used to describe the
two-phase heat exchanger model. The finite difference method and moving boundary approach
were adopted in this model and it was compared with other dynamic models available in the
literature. The modified model is based on simulating the phase change of the Ethanol as the
ORC working fluid and the moving boundary approach of the multi-phase across the heat
exchanger during the heat transfer process. The results were verified with experimental data
from a combined DE-ORC system. The results showed that the developed model has the
potential of predicting the working fluid and exhaust gas temperature with an average error of
less than 4%. This can provide the confidence needed to use the modified model in the dynamic

evaluation and control strategy of a complete waste heat recovery system.

A thermodynamic model of a dual loop ORC system for waste heat recovery from a compressed
natural gas engine was proposed [65]. The study conducted a comparison of the thermodynamic
and economic performance of this system using various working fluids. In addition, the effects
of various ORC parameters on system performance were investigated, including superheat
degree, evaporation pressure, the condensation temperature of high- and low temperature loops
of the ORC cycle, and the exhaust temperature. The results showed that higher evaporator
pressure and condensation temperature in both loops have positive impacts on the
thermodynamic performance of the system, while variations in superheat degree and exhaust
temperature have no significant impact on the thermo-economic performance. In addition,
R245fa in both loops achieved better ORC performance than the other working fluids examined
in this study. The study also supported that this system can achieve a maximum net power
output of 23.62 kW at the rated condition with a low electricity production cost. The dual loop
ORC system also achieved thermal efficiency in the range of 8.97-10.19% in the selected
operating conditions.

Some researchers have studied which ORC configuration layouts could be suitable for DE

waste heat recovery. Four different small-scale ORC power cycle layouts using R245fa as
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working fluids were investigated on one study [66]. The difference between these is only in the
management of the recovery mechanism from the engine coolant and exhaust streams. The aim
is to recover wasted heat from internal combustion engine coolant and exhaust streams. The
study was carried out on a small Yanmar diesel engine, model number TF120M. It consists of
a one-cylinder engine with 8.8 kW rated power at 2400 RPM. The study investigated design
and performance parameters such as refrigerant superheat degree, expander rotational speed,
and brake specific fuel consumption for the four proposed configurations under the rated
condition of the DE. The four configurations can be described as follows: a simple structure
ORC (ORC-simp) where both coolant and exhaust stream are used as a heat source to evaporate
the R245fa. In the ORCR-1 configuration, a recuperator is adapted between a liquid pump and
a coolant heater. In this case, the recuperator acts as a preheater to recapture the heat available
in the R245fa flow leaving the expander. In ORCR-2, recuperator is installed between the
coolant heater and the exhaust heater as an additional heat exchanger. The last configuration is
ORC-pre, in which the refrigerant is preheated by the coolant heat exchanger before the
evaporation process. A thermal oil circuit is used in the exhaust heater to protect the ORC

refrigerant from the high temperature exhaust gases.

The results showed that increasing the degree of refrigerant superheat at the ORC evaporator
exit will result in keeping the ORC-simp thermal efficiency nearly constant (6.4%), while
slightly improving the other three cycles’ efficiency. In addition, the results indicated that when
R245fa is superheated below 110 °C, this could lower ORCR-2’s efficiency compared with
ORC-simp. This happens because the efficiency in the ORC-2 layout depends on the
temperature of the refrigerant at the expander exit which in this case is lower than the engine
coolant temperature. Also, the study found that the superheating degree has limited effect on
the ORC power output, recording average values of 0.59 kW for ORC-simp and 0.5 kW for
ORC-pre. The comparison results between the four configurations prove that the ORC-pre cycle
has a better thermal performance but generates less power. As a result, the simple ORC
configuration for waste heat recovery from coolant and the exhaust of the internal combustion
engine has the potential to produce the highest power but has slight thermal efficiency.
However, this can be reversed if the ratio between the engine coolant and exhaust is in the range
of 0.5-0.7, because the ORC-pre is unable to recover all the heat available in the coolant stream.
Therefore, it is recommended that the ORC-simp should be modified into ORC-pre in this ratio

range. In addition to the higher power output, the scroll turbine rotation speed of the ORC-simp
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(3200 RPM) is higher than that of the ORC-pre (1000 RPM) in the superheat degree range of
80-160 °C. Moreover, the ORC-simp cycle rejects less heat to the environment via the
condenser compared with the other proposed configurations, which means it has a valuable
advantage in waste heat recovery technology from ICE. The analysis of the engine fuel
consumption under the engine rated condition showed that the ORC-simp has a lower fuel
consumption ratio by 6.1% compared with ORCR-1 and ORC-pre which increases the fuel
savings by 7.4% and 5.2%, respectively. In addition, the overall cycle efficiency of the ORC-
simp, ORCR-1 and ORC-pre could be enhanced by 6.5%, 8.0% and 5.4%, respectively.

The selection of working fluid for an ORC to be used as a waste heat recovery system with DE
is also important. Many studies have supported that using alkane-based working fluids in the
ORC cycle can achieve better performance in medium-high temperature waste heat recovery
from a diesel engine. However, their use is also associated with difficulties in selecting and
designing proper expanders due to their over-large expansion ratio. To overcome this problem,
Liu, P., et al. [67] proposed a two-stage expansion with interheating for ORC working with
alkanes to achieve multi-stage heat recovery from exhaust gas, EGR gas (Exhaust Gas
Recirculation) and engine coolant in a truck DE. A comparison study for the system
performance using different alkane working fluids was conducted and the proposed system was
compared with a preheating-regenerative ORC system for DE waste heat recovery. The results
showed that cyclic alkanes performed better than linear alkanes in terms of net power output,
thermal efficiency, and exergy losses; however, they recover less heat from engine coolant. In
addition, the proposed system can generate 6.7% more output power than the preheating-
regenerative ORC system as it can recover 100% of waste heat from exhaust gas and 71.8%

from ERG gas.

It has been found that pure hydrocarbon refrigerants have good efficiency compared with other
working fluids; however, flammability and explosivity are the main drawbacks to their use. To
reduce these drawbacks, Song and Gu [68] suggested mixing them with a retardant in an ORC
system for engine WHR. Refrigerants such as R141b and R11 are proposed as retardants to
form zeotropic mixtures with hydrocarbon fluids. In addition to suppressing flammability, the
zeotropic mixture offers better temperature matches between the refrigerant and the heat source
and sink, which can reduce the rate of exergy destruction in the heat exchangers. The simulation

results showed that the zeotropic mixture (50% cyclohexane and 50% R141b) can improve the
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ORC output expansion power by 13.3% compared with pure cyclohexane. In addition, exergy

destruction is reduced in both the evaporator and condenser, by 30% and 14%, respectively.

The mechanical output power of the combined ORC-DE cycle can be used in different
applications. Salek, F., et al. [69] carried out a thermodynamic simulation to investigate the
potential of recovering the wasted thermal energy available in the DE exhaust stream for use as
a cooling load. In this system, the mechanical energy generated in the ORC power unit drives
an Ammonia absorption refrigeration cycle. The three thermodynamic cycles are integrated as
a combined cooling, heating and power technology. The results show that adopting the
Ammonia absorption refrigeration cycle increases the bottoming ORC cycle efficiency, leading
to a further rise in the output power of the entire system. In addition, DE efficiency improves
by 4.65%. From the literature, DE coupled with ORC can only recover 7-8% of the thermal
energy contained in the exhaust stream; however, this study’s proposed system can recover 2%
more than the compared cycle. Increasing the engine load leads to further energy being rejected
from the exhaust stream, which can lead to a higher cooling load. By adding a preheat heat
exchanger at the thermal interface point between the ORC-HP cycle, a 5 kW increment in the
ORC feeding power is reported, which will boost the ORC output turbine expansion power.
The interface point is where the R24fa liquid stream exiting the pump is in thermal contact with
the Ammonia fluid leaving the heat exchanger. The exhaust stream temperature is set to 100 °C
to avoid possible condensation of formation of sulfuric and nitric acid. The study also found
that maintaining the exhaust gases temperature at below the 220 °C at the HP heat exchanger
exit can avoid degradation in the HP COP. Using two HXs between the exhaust gas flue and
both the ORC working fluid and HP refrigerant causes 0.5% mechanical power loss; however,

the recovered energy from integrating these cycles has the potential to cover that loss.

Some researchers have suggested that coupling ORC-DE can have some drawbacks, including
a rise in back pressure and ORC refrigerant decomposition. Turbocharged diesel engine type
IVECO F1C 3.0 L combined with ORC power plan has been tested experimentally in this
context [70]. This study discussed the following design assessment points: the effects of back
pressure as a consequence of bottoming an ORC power unit on the engine exhaust stream, and
the effects of increasing the mobile DE system weight due to adding the ORC unit. The

proposed mechanical control mechanism, an Inlet Guide Vane (IGV), is used in this study to
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ease the back-pressure problem. The recovery evaluation is carried out on an existing ORC

cycle based on an off-design mode, and the expander is evaluated under variable engine speed.

The results show that engine back pressure can significantly affect the thermal interface process
between the ORC evaporator and the engine exhaust. In addition, the shell and finned tube heat
exchangers are favoured over a plate type for this application. Despite a small impact on the
brake specific fuel consumption (less than 1%), the back pressure can be reduced to 175 mbar
for an exhaust stream flow rate equal to 500 kg/h, by adopting the IGV control system on the
turbocharger. By using a plate HX for an ORC evaporator designed for a pressure drop of
350mbar and an exhaust mass flow rate of 500 kg/h, engine boost pressure increases, causing a
rise in the turbocharged speed at different DE speeds. Although engine fuel consumption
unexpectedly increases by 2-5 % with the increase in the gas mass flow, the shell and finned

tube heat exchangers can keep the fuel consumption rate below 1% at all engine speeds.

From the off-design results, and during the steady refrigerant flow rate in the ORC evaporator,
thermos-fluid consequences such as an incomplete evaporation process and a fluid stability
problem can occur. These drawbacks could have consequences in relation to the performance
parameters of the expander, in terms of its volumetric efficiency and recoverable mechanical
power. These drawbacks in the off-design mode can be minimized by adapting the multivariable
mechanism control system in which the ORC working fluid density and mass flow rate, turbine
speed, and exhaust mass flow can all be varied. Extra weight of 50 kg from the ORC power
unit is added to the original track vehicle weight (3350 kg). In addition, a larger radiator surface
area is needed for the DE to reject heat from the ORC condenser to the environment. An
increment of 1% of fuel consumption is required to compensate to the increase in the track
weight. In this study, utilizing the ORC power as a recovery unit shows a gross benefit of 4-5%
and presents the potential of the cycle improvement in terms of proper design and control

mechanisms.

In order to prevent the decomposition of the ORC working fluid, Shu, G., et al. [71] suggested
adapting the thermal oil circuit as intermediate oil storage (OS) between the DE exhaust stream
and the ORC cycle. They experimentally tested a standalone DE (without an OS system) with
a capacity of 240 kW to investigate the variable exhaust stream properties. After that, the

performance of a combined DE with OS/ORC cycle was also measured when exposed to a
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variable high temperature exhaust stream. The results showed that in standalone mode, the
temperature of the ORC working fluid can reach 202-480 °C. This could put the refrigerant at
a high risk of decomposition. In this case, the maximum ideal thermal energy obtained from the
engine exhaust is 142.2 kW at an engine speed and load of 2000 RPM and 100% respectively.
In the combined DE-OS/ORC system, even when the temperature of the exhaust stream is in
the range of 200-480 °C, the OS system maintains R123 temperature of between 81-222.5 °C
which is safely away from the decomposition range. Thus, the maximum heat recovered by the
OS system is reduced to 72.63 kW, leading to net output power of 9.67 kW. In addition to
reducing the decomposition problem, adapting the oil storage approach can bring significant
inertia to the response of the combined system when the DE operates with a fluctuating
performance. The combined ORC/OS show a roughly steady net power output even when the
engine is shut down. Furthermore, in this mode, evaporator and condenser pressure is found to
be almost constant throughout variable DE working conditions, which supports system safety

and performance.

Since the combined ORC-DE system works under highly transient operation conditions due to
variable DE output power demand which consequently produces transient exhaust streams in
terms of both quantity and quality, a number of studies have focused on the dynamic modelling
of the combined ORC-DE cycle.

Xu, B., etal. [72] developed a dynamic model to predict the transient behaviour of the combined
ORC-DE system for heat recovery purposes. This model implemented individually the four
basic ORC components in addition to control valves, junctions, and a reservoir. The heat
transfer process in the heat exchangers is modelled based on energy, mass and momentum
equations, and correlations of heat transfer coefficient and pressure drop across the heat
exchangers are derived. Then, the model is employed for the entire combined system. The
combined dynamic model is validated in terms of step-changes in the engine working
conditions (speed-torque). The results showed that the vapour refrigerant temperature and
pressure at ORC evaporator outlet can be successfully predicted with mean errors of around 2%

-3%, respectively.

Huster, W., et al. [73] performed a dynamic evaluation of an ORC cycle driven by thermal

energy rejected from the DE. The ORC targeted components are the evaporator and the
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condenser. The adapted two-phase heat transfer method takes the moving boundary approach.
The validation of this model is carried out with different experimental data. The results showed
a mean temperature error for all measured temperatures of less than 4%. In addition, the mean
relative error for the refrigerant temperature exiting the evaporator is less than 1%, and only
increases to 5.5% at high-pressure levels.

Table 2.1 shows a summary of the available literature on the combined DE-ORC cycle for heat
recovery. It is clear that the single stage ORC layout is the most commonly adopted
configuration and that various working fluids have been used, with R245fa being frequently
used.

36



Chapter 2: Literature review

Table 2.1 Comparison of combined DE-ORC cycles at rated condition or maximum DE load as reported in the literature.

[67]

Author/Year Cycle description ORC working fluid Exhaust stream Exhaust stream ORC output ORC cycle Ef- Evaporation Type of the
mass flow, kg/s temperature, °C power, KW ficiency, % pressure, bar study
Bombarda, P., etal. | Single stage ORC Hexamethyldisiloxane 35 346 1603 215 10 Simulation
2010 [62]
Yu, G, etal. 2013 | Single stage ORC R245fa 0.2752 519 14.5 9.2 30-31 Simulation
[45]
Song and Gu 2015 Single stage ORC Cyclohexane/R141b 1.983 300 88.7 17 none Simulation
[68] (0.5/0.5)
Shu, G., etal. 2016 | Single stage ORC R123 0.388 202-480 9.67 14.15 16 Experimental
[71]
Zhao, M., et al. Single stage ORC R245fa 0.199 353 413 none 9 Simulation
2017 [61]
Yang, F., etal. Dual loop ORC R245fa 0.05-0.28 447.6 23.62 8.97-10.19 25 Simulation
2017 [65]
Lu, Y., etal. 2017 Single stage ORC R245fa 0.0005486 fuel 587 0.59 6.2 none Experimental
[66] mass and simulation
Liu, P., etal. 2018 | Two-stage expansion Cyclopentane 0.237 517.3 20.89 14-19.3 40.6 Simulation
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2.3.4 Combined Organic Rankine Cycle-Vapour Compression Cycle

A combined Organic Rankine Cycle-Vapour Compression Cycle (ORC-VCC) is a promising
integrated technology. The aim of this combined system is to convert heat energy into
mechanical shaft power via the ORC subsystem, which in turn drives the VCC-compressor.
Since the organic working fluids in the ORC cycle have a lower boiling point than water, low
heat sources such as solar, geothermal or waste heat can be used to run the ORC. On the other
hand, the VCC is the reverse cycle of the ORC, which can consume low power to transfer heat
from a low heat source to a high heat sink. Therefore, a combination of the two has the potential

to reduce both dependence on fossil fuel and greenhouse gas emissions.

Various ORC-VCC combined systems have been proposed in the literature. Aphornratana and
Sriveerakul [74] presented a combined ORC-VCC refrigeration cycle, in which the two cycles
are integrated using a free piston expander-compressor unit as a coupling device. The two

systems share the same working fluid (either R134a or R22) and condenser, as shown
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Figure 2.6: Schematic diagram of combined ORC-VCC refrigeration system [74].

in Figure 2.6. The main operating conditions include an ORC vapour generator (evaporator)

temperature of between 60-90 °C, a condenser temperature of between 30-50 °C, and HP
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evaporator temperature of between -10 to 10 °C. The results showed that this combined system
can achieve a COP value of between 0.1 to 0.6. In addition, the system with R22 as the working

fluid shows better COP performance than R134a for all operating temperature ranges.

Wang, H., et al. [75] proposed a combined ORC-VCC as a thermally activated cooling
technology. The cycle can be powered by solar-thermal, geothermal or waste heat to produce a
cooling effect and/or mechanical power if needed. These authors proposed that the cycle can
be used solely for cooling during summer months, whereas in winter, all the heat can be
converted to electricity. During spring and autumn, both cooling and electricity will be
produced based on the demand. The effects of various cycle configurations on the overall
system performance in terms of the gross coefficient of performance were studied. The results
showed that the system can achieve an overall COP of 0.54 (basic cycle design), 0.63 (with
sub-cooling) and 0.66 (with sub-cooling and recuperation). Thus, the advanced cycles with sub-
cooling or cooling-recuperation achieve a 22% improvement on the overall COP compared to

the basic cycle design.

The effects of various working fluids and their thermophysical properties on the cycle
performance have also been studied. Kim and Perez-Blanco [76] conducted a thermodynamic
analysis of a combined ORC-VCC system for the cogeneration of power and refrigeration using
a low-grade sensible heat source. Various working fluids were investigated, including R143a,
R22, R134a, R152a, Propane, Ammonia, Isobutane and Butane. The system performance was
analysed in terms of net power production, refrigeration capacity, and thermal and exergy
efficiencies. The results showed that for the pure refrigeration case, higher thermal efficiency
and refrigeration per unit mass are achieved when working fluids are at high critical
temperatures, with the exception of Ammonia. Both Butane and Isobutane show good
refrigeration capacity at low turbine inlet pressure, but they are flammable. In contrast, R134a
and R152a enhance refrigeration load at a higher turbine inlet pressure. In terms of
cogeneration, increasing the turbine inlet temperature results in a significant increase in the net
power production with a concomitant slight reduction in refrigeration duty. Thus, the exergy
efficiency has a peak value with respect to the turbine inlet temperature and pressure. Although
a higher exergy efficiency is favourable regarding power production, the study’s authors
concluded that a higher refrigeration capacity can be more advantageous from the energy point

of view, both of which are irrespective of economic considerations.
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Another thermodynamic analysis of a combined ORC-VCC system using different low Global
Warming Potential (GWP) working fluids was conducted [77]. In this study, the selected
working fluids are HFO-1336mzz or HCFO-1233zd (for ORC cycle) and HFO-1234yf or HFO-
1234ze (for VCC cycle). Both the ORC-evaporation temperature and the ORC-VCC
recuperator efficiency have a positive effect on ORC efficiency, while the VCC evaporation
temperature and the condensation temperature have a negative effect on the ORC cycle
efficiency. Overall, HFO-1336mzz achieves higher thermal and electrical efficiency under the
selected operating conditions. Similarly, using HFO-1234ze in the VCC results in greater ORC
thermal and ORC-VCC recuperator efficiencies due to the associated higher compressor
discharge pressure. Overall, the ORC cycle achieves a thermal efficiency of between 10.6%
and 15%, while the VCC COP ranges between 2.7 and 8. The gross combined cycle thermal
and electrical COPs range between (0.3-1.1 thermal) and (15-110 electrical) respectively. If the
system is used purely for electric generation with no cooling load, the annual energy saving is
estimated to be 118,637 kWh. The expected payback time for this system is 3.3 years.

Asim, M., et al. [78] proposed an integrated ORC-VCC in which the VCC is an air conditioner
(AC). Both cycles share a heat exchanger which acts as a condenser in the VCC and an
evaporator in the ORC cycle. The waste heat rejected by the air-conditioning system is
converted into electricity by the ORC cycle. Twelve different working fluids (6 for the ORC
cycle and 6 for the VCC) are compared under a constant VCC condensation temperature of 50
°C. R600a-R123 pairs (as a working fluid for the AC and ORC cycles, respectively) achieve
the best combined cycle performance. The ORC cycle can generate 1.41 kW of electricity from
the recovering heat rejected by the VCC condenser. The thermal and exergy efficiencies of the
ORC cycle are 3.05% and 39.3%, respectively. The overall system efficiency can be improved

from 3.1 for a standalone AC to 3.54 for the combined system.

Saleh [79] conducted an extensive investigation into a combined ORC-VCC systems in terms
of energy and exergy analysis, system performance under various working fluids, and working
parameters. The results indicated that the higher the critical temperature of the working fluid,
the better the COP and exergy efficiency achieved. R602 had the best performance with an
overall COP of 0.596 and exergy efficiency of 31.03%. Both COP and exergy efficiency
increase with a rising ORC boiler temperature and drop with increases in condenser

temperature. Increasing the HP evaporator temperature has a negative impact on exergy
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efficiency and a positive influence on the overall COP. Similarly, increasing the turbine and
compressor efficiencies from 60% to 90% enhances both COP and exergy efficiency by

approximately 50%.

Yu, H., etal. [80] investigated the integration of an ORC with an HP cycle to enhance net power
output through waste heat recovery. The results showed that system performance is dependent
on the ORC evaporation temperature, the working fluid latent to sensible heat ratio, and waste
heat inlet temperature. The integration is assumed to be profitable when the following
conditions are satisfied: the ORC working fluid critical temperature is lower than the waste heat
inlet temperature, the latent to sensible heat ratio is small, and the COP of the HP is satisfactory.
The resultant improvement in net power output and waste heat recovery were 9.37% and

12.04%, respectively.

Different designs and applications of the combined ORC-VCC system have been proposed in
the literature. Patel, B., et al. [81, 82] presented an integrated ORC with a cascade VCC and
vapour absorption refrigeration system, as shown in Figure 2.7. The ORC cycle is used to power
the vapour compression refrigeration system and to provide the thermal requirements of the
vapour absorption refrigeration system by utilising the high temperature working fluid at the
ORC-expander outlet. The thermal efficiency achieved by the ORC subsystem and the
combined system are 7% and 79%, respectively. The calculated COP of the vapour
compression, vapour absorption and cascade system are 4.41, 0.75, and 0.54, respectively. The
thermos-economic evaluation reveals that the system can achieve energy efficiency of 22.3%
for the cooling mode and 79% for cogeneration mode (i.e., cooling and heating). The calculated
simple payback period thus ranges between 5.26 years (for the base case) and 4.5 years (for the

optimised case).
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Figure 2.7 ORC integrated cascade vapour compression-absorption refrigeration system [81]

In a follow-up study, Patel, B., et al. [83] use a solar biomass as the heat source for the integrated
ORC-cascade vapour compression-absorption system to make the system independent of both
fossil fuels and the electric grid. The proposed hybrid system achieved an overall efficiency of
47.1% for a 30.7 KW cooling load. In addition, CO2 emissions are reduced by 549 t/y compared
to coal-based electricity and 233 t/y for natural gas-based electricity.

Another cascade refrigeration system (CRS) linked to ORC cycle was proposed by Lizarte, R.,
et al. [84]. This cascade system consists of a high temperature circuit (HTC) and a low
temperature circuit (LTC) connected thermally via a heat exchanger which acts as an evaporator
for the HTC and a condenser for the LTC. The proposed system is designed for low-evaporation
temperature applications (-55 to -30 °C). The selected working fluids are Toluene (for ORC
cycle) and Ammonia/CO; (for CRS). The simulation results showed that the overall COP and
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exergy efficiency are mainly affected by the evaporation temperature of the ORC cycle, the
LTC temperature, and the condensation temperatures. The system can achieve a maximum COP
of 0.79 (at an ORC evaporation temperature of 315 °C) and a peak exergy efficiency of 31.6%
(at an ORC evaporation temperature of 255 °C).

Bounefour and Ouadha [85] studied a combined system with a cascade evaporation in the ORC
cycle, with the aim of improving power production. The new design was compared to a standard
ORC-VCC combined system. A rang of working fluids were also compared in terms of both
design performances. Waste heat from a marine diesel engine is used to drive the ORC cycle in
both designs. The results showed that the addition of the cascade evaporation did improve the
ORC cycle performance; however, the overall combined system performance was comparable
to a standard ORC-VCC. In addition, Butane and Isobutane achieved better refrigerating effects
than R134a.

A similar cycle configuration was used to aid Claude liquefaction by cooling hydrogen gas
before entering liquefaction [86]. In this study, geothermal water is used as the heat source for
the ORC cycle. The combined system can cool hydrogen gas to -40 °C before entering the
liquefaction process with no extra work consumption. This proposed geothermally assisted
hydrogen liquefaction cycle can produce a reduction in hydrogen liquefaction production cost

of approximately 34% compared to the values cited in the literature.

An ORC-VCC cycle has also been combined with a hybrid proton exchange membrane fuel
cell (PEMFC) and solar energy in a residential micro-CCHP system [87]. The function of this
ORC cycle is to produce domestic hot water and mechanical power, while the VCC cycle
produces cooling/heating capacity. The proposed system can produce up to 14.5 kW of

heating/cooling capacity and around 8 kW of electricity based on the operating conditions.

Collings, P., et al. [88] investigated a gas driven ORC-vapour compression HP for domestic hot
water supply. This system has a direct coupling between the ORC-turbine and the HP-
compressor. The heat generated from natural gas combustion in the boiler is transferred to the
ORC cycle to produce the required mechanical power for the HP cycle. Cold tap water is
assumed to be heated from 10 to 60 °C, in three stages: HP-condenser, ORC-condenser and post

heater heat exchanger. The waste heat contained in the flue gases is recovered by the post heater
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heat exchanger to lift the water temperature to the designated target. R134a and Hexane are the
working fluids selected for the HP and ORC cycles, respectively. The results showed that the
COP and thermal efficiency of the HP and ORC cycles are approximately 5 and 20%,
respectively. In addition, the combined system can achieve an overall fuel to heat efficiency of
between 136%-164% for an ambient temperature range of (-5 to 15 °C).

A similar gas driven ORC-HP integrated system has been investigated under various operating
conditions for hot water supply [89]. The main parameters that affect the combined system
performance were studied. Two system designs, one with a post-heater heat exchange and one
without it, were proposed and compared. In addition, a comparison of the system performance
under three ORC working fluids (R123, R 245fa and Hexane) was conducted. The results
showed that ambient air temperature and ORC-condensation temperature have significant
impacts on system performance. As ambient temperature increases from -5 to 5 °C, the heating
capacities of the HP-condenser and post heater heat exchanger increase. In addition, the HP
COP increases with the rise in ambient temperature, reaching a maximum value of 5.56 at an
air temperature of 5 °C. In contrast, a higher ORC-condensation temperature leads to lower
ORC thermal efficiency. At an ORC-condenser temperature of 61 °C, the system achieves its
optimum performance, with an ORC thermal efficiency of 15.34% and a fuel to heat efficiency
of 147.1%. Hexane, as an ORC working fluid, achieves better ORC thermal efficiency and
overall fuel to heat efficiency than R123 and R245fa. The comparative results for systems with
or without the post-heater heat exchanger showed that the role of the post-heater to the water
heating is limited as it can only add 0.28 kW of heat to the water. Furthermore, a combined
system without post-heater showed comparable results with a minimal effect on system
performance and fuel to heat efficiency (134% to 147% with post heater -132% to 145%
without post-heater).
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2.4 Literature review on modelling of VCC and ORC cycles

In general, HP and ORC systems modelling can vary in complexity based on the intended
application and system design. The aim of the modelling can include; energy analysis, design
configuration, performance with various working fluid, performance over time and control

system design. The most commonly used modelling approaches are summarized as follow:

1. Balanced energy method: This modelling approach could be either theoretical or empirical
and it is mainly used for seasonal energy use and economics. In this method, the system
performance is assumed constant and can be obtained from either the manufacturer or
experimental or field measurement. In addition, there is no limitation on heat source
availability. The heating demand for the HP cycle is assumed to be fully satisfied. However,
the limitations of this modelling method is the lack of accuracy and utility [90].

2. Steady state method: It is a theoretical evaluation used for system design and sizing. This
approach usually begins by adopting the mass conservation principle, in which refrigerant mass
flow across the cycle components is equal. Next, the energy conservation principle is applied
which involved applying the first law of thermodynamic to each cycle part and on the overall
cycle with the assumption of neglecting the kinetic and potential energies. Then a non-
conservation of entropy principle is used to identify the entropy rate balance for the system
components. Exergy analysis usually follows with the aim of estimating the exergy destruction

rate and exergy efficiency of individual cycle components and the overall system [91].

Number of simulation studies in the open literature have adopted the steady state model to
investigate the performance of the HP and ORC cycles in terms of energy and exergy analysis.
Mikielewicz, D. and Wajs, J. [92] have conducted a study on a single stage and cascade HP
system employing a high heat source and condensation temperatures. Wang, G-B. and Zhang
X-R. [93] carried out thermoeconomic evaluation of a transcritical CO> HP system for district
heating and cooling. Another thermoeconomic study is conducted using steady state model to
investigate a HP cycle coupled with desalination system [94]. An energy and exergy analysis

is also conducted on a HP cycle integrated with vapor injection system and an economizer [95].
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For an ORC cycle, many studies have investigated the performance of an ORC cycle as a waste
heat recovery system from an internal combustion engine. These studies were mainly conducted
using the steady state model in terms of mass, energy and entropy conservation laws [45, 68,
96].

For a combined ORC-VCC system, most of the studies mentioned in the literature review

(section 2.3.4) have adopted the steady state model to evaluate the system performance.

3. Fitted (regression) model: It is an empirical approach for seasonal energy use and economics
evaluation. This method is based on using equations or curve fitting if detailed performance
data for the device is known from experimental or manufacturer source. It have the advantage
of being easy to generate and use with high accuracy. Yet, the accuracy of the results is limited

to the range of data available for the fitted model [97].

Underwood, C., et al. [97] have adopted the fitted model to investigate the performance of three
scroll compressor for domestic air source HP water heater. Woodland, B., et al. [98] have
conducted an experimental study on a small-scale organic Rankine cycle with R134a as
working fluid. The performance curve of a compressor rotating in reverse as an expander was
used in their mathematical model. Similarly, expander performance curve for an ORC cycle
with R245fa refrigerant is used in another research by Declaye, S., et al. [99]. Experimental test

was conducted on an automotive electric scroll compressor using empirical equation [100].

4. Dynamic state method: It is theoretical method to study the variation in cycle performance
with respect to time, particularly when independent variables and boundary conditions are not
constant. For most thermal cycles, steady state evaluation is considered satisfactory if the
system dependent parameters are thermally stabilised within the relevant time-step for that
system. For instance, in a heat pump cycle, if the response to the input variable occurs within
seconds up to a few minutes, then the steady state simulation (also called the quasi steady state)
satisfies the performance evaluation process. However, when more detailed information about
the system performance is required or when control strategies are investigated, then a dynamic
model is likely to be needed [90].

Underwood [90] has illustrated a steady state and a full dynamic model for a heat pump cycle

used in a ground source heat pump system. The evaporator and condenser dynamic model was

46



Chapter 2: Literature review

conducted under the assumptions of no momentum conservation or pressure losses, with axial
variation in flow direction. Another dynamic simulation of an air sourced HP system is
conducted with the aim of keeping the evaporator frost-free. The mathematical model was

compared with experimental results which showed good agreement [101].
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Table 2.2 Summary of previous simulation studies on combined ORC-VCC system

waste heat)

ORC expander power is
assumed to be fully
consumed by the VCC

compressor.

Author/Year Heat source Working fluid Application Mechanism of ORC-VCC Remarks of the study
coupling
ORC VCC
Aphornratana and | Thermal energy at | R22, R134a R22, R134a Cooling load Expander-compressor unit | ORC-VCC share condenser. COPs
Sriveerakul 2010 | temperatures > 80 °C consists of two free piston | (0.1 - 0.6). Evaporator capacity for
[74] (first works as ORC | R22 (1-1.4 kW), and for R134a (0.7
expander and the second as | kW).
VCC compressor.
Wang, H., et al. The cycle can use renewable | R245fa R245fa Cooling and/or The mechanism of | ORC-VCC share condenser. COPs
2011 [75] energy (solar, geothermal or electricity coupling is not described. | (0.54-0.66). Cooling load (5.3 kW).

COPs can be improved by 22%
when using subcooling and cooling

recuperation.
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Kim and Perez- Low grade sensible heat: 150 | R143a, R22, | R143a, R22, | Refrigeration only | The mechanism of | ORC-VCC share condenser. Pure
Blanco 2015 [76] | °C. R134a, R152a, | R134a, R152a, | when all the coupling is not described. | refrigeration capacity: Butane or
propane, propane, power generated The net power production | Isobutane (140 kW), R134a or
ammonia, ammonia, is consumed is equal to the subtraction | R152a (170 kW). Cogeneration
isobutane and | isobutane and | within the cycle, of compressor and pump | mode (Isobutane): thermal
Butane Butane or refrigeration power from expander | efficiency (50-75%), net power (25-
and electricity power. 30 kW), refrigeration capacity (140-
160 kW).
Molés, F., et al. Low temperature heat source | 1336mzz 1234ze Cooling load or The mechanism of | ORC efficiency 12.4%, VCC COP
2015 [77] electricity when coupling is not described. | 6.16. Cooling load 100 kW,
cooling is not ORC expander power is | electricity 16.23 kW.
required. assumed to be fully
consumed by the VCC
compressor.
Asim, M., etal. Waste heat from AC air | R123 R600a Electricity VCC is not driven by the | COPs improved from (3.1-3.54).
2017 [78] conditioner ORC. ORC electric output power 1.41 kW

and thermal efficiency 3.05%. AC
cooling capacity 35 kW.
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motor.

Chang, H., et al. Hybrid proton exchange | Dimethylpentane | R290 Domestic hot The mechanism of | Electric power 8 kW,
2017 [87] membrane fuel cell (PEMFC) water, heating and | coupling is not described. | cooling/heating capacity 14.5 kW.
and solar energy cooling capacity ORC expander power is | Total system efficiency 75.4-85%.
and electricity assumed to be fully
consumed by the VCC
compressor.
Patel, B., et al. Waste heat n-pentane R410A Study a: Cooling, | For both studies, ORC- | COP of VCC (4.41) and VAR
2017 [81, 82] heating and VCC coupled via electric | (0.75). ORC efficiency (6.99%).
electricity. generator and motor. COPs (0.54). Trigeneration
efficiency (79%). Heating load
Study b: Cooling (77.99 kW), cooling load (30.7 kW),
only, or cooling net power output in study a (0.58
and heating kW).
Patel, B., et al. Solar-biomass n-pentane R410A Cooling and ORC-VCC coupled via | Heating load 77.9 kW, cooling load
2017 [83] heating electric  generator and | 30.7 kW, overall system efficiency

47.1%.
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40°C

ORC-vCC

power is assumed to be

expander

fully consumed by the two

compressors.

Lizarte, R., etal. | Renewable energy from 100- | toluene NHs, CO; Refrigeration The mechanism of | COP of the cascade system:(1.15-
2017 [84] 350 °C. coupling is not described. | 1.5), ORC efficiency (9.4-12.4%),
ORC expander runs the two | HP evaporator capacity (9.45 kW),
HP compressors of the | overall system COP (0.79).
cascade refrigeration
system.
Bounefour and Marine DE exhaust stream propane, butane | propane, Refrigeration only | The mechanism of | ORC-VCC share condenser. COP of
Ouadha 2017 isobutane, butane, coupling is not described. | HP (5.4), ORC thermal efficiency
[85] propylene and | isobutane, ORC expander power is | 11.3%. butane achieved better
R134a propylene and assumed to be fully | refrigeration and COP than the
R134a consumed by the VCC | others.
compressor.
Kaska, O., et al. Geothermal source at 200 °C. | ORC1 (R141b), | R23 Cooling effectto | The mechanism of | Combined ORC-VCC coupled with
2018 [86] ORC2 (Isobutane) cool hydrogen to - | coupling is not described. | another ORC. Hydrogen

liquification cost can be reduced by

39.7% compared to literature values.
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Saleh 2018 [79]

Low-temperature heat source
(geothermal or waste heat)
with a temperature of around
110°C.

R602

R602

Electricity or

refrigeration

The mechanism of
coupling is not described.
ORC expander power is
assumed to be fully
consumed by the VCC

compressors.

ORC-VCC share condenser.
Refrigeration load 280-320 kW.
Highest COPs 0.99.

Yu, H., etal.
2018 [80]

Waste heat source, 150 °C

R236fa

n-hexane

Electricity

VCC is not driven by the
ORC. HP system is used to
upgrade the wasted heat to
increase  ORC  power

production.

HP COP (2.65), power consumed
(169 kW), ORC thermal efficiency
(10.07%), waste heat recovered (820
kW), net power output (805 kW).
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Table 2.3 Summary of experimental studies on standalone HP cycle

Author/Year Type of HP cycle Pressure (P) in bar, Temper- COP Refrigerant Application
ature (T) in °C or pressure
ratio (PR)
Nenkaew, P. and C. Water source HP in a cascade sys- Pcond=12.5 5-6 R22/R134a Chilled water for cooling and hot
Tangthien. 2015 tem Pevap=4 water for heating
[102]
He, Z. et al 2017 Combined ORC and HP as heat Pcond=12.4-19.2 1.1-3.6 R142b Heating load
[103] utilization system using low-grade Tcond 75-95
heat source Pevap=4.4-6.8
Tevap 48-52
Kong, X. et al 2018 Solar assisted HP water heater with Tcond=54.4 3 R134a Domestic hot water supply
[104] direct-expansion Tevap=7.2
Shen, J, et al 2018 Air source HP with dual mode PR=3.8 for single cycle Single 1.7-2.6 R22/R134a Heating for drying process
[105] PR=5.5 for cascade cycle Cascade 1.58-1.85
Kong, X. et al 2018 Solar-assisted heat pump with di- Pcond=12-22 3.6-5.7 R134a Domestic hot water supply
[106] rect expansion Pevap=3.9-6
Xu, Y. etal 2019 Air-source heat pump with dual PR =5-9 for single stage, 1.69-2 R404A, R134a Hot water supply
[107] mode PR=3-5.5 for cascade
Liu, T. etal 2019 Domestic air conditioning/ heat Pcond=19.4 COP; 2.2-2.8 R22 Cooling and heating load
[108] pump system Pevap=5 COP,2.9-3.1
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Fannou, J-L. et al Ground source heat pump system Tcond=41.5 2.6 R22 Cooling load
2019 [109] with direct expansion Tevap=3

PR=2.9
Yang, L-X. etal 2019 | CO; transcritical air source HP Pcond=80-87 3.9-5.2 CO; Hot water supply
[110] Pevap=33-40
Guo, X, etal 2019 HP system with domestic Tcond =35 2.5 R22 Hot water supply
[111] drain water as a heat source Tevap=-10
Mota-Babiloni, A.et | VCC with Tcond =32.5 and 40 R134a 1.6-3.9 R134a, R513A Refrigeration load
al 2019 [112] and without internal heat exchanger Tevap=-5to 15 R513A 1.7-4

Li, Z. etal. 2019 VCC with Oil-free compressor Tcond=40-50 R1234yf=1.8-4.4 R1234yf, R134a Refrigeration load
[113] Tevap=-3to 17 R134a=2.3-4.8

PR=2-4
Liang, Y. etal 2019 VCC with Oil-free compressor Tcond=23.4 3.28 R134a Domestic hot water supply
[114] Tevap=2.4
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Table 2.4 Summary of experimental studies on standalone ORC cycle

evaporator

Tevap=70

Author/Year Type of ORC cycle Pressure (P) in bar, Temper- Refrigerant Power output, Thermal effi-
ature (T) in °C or pressure kw ciency, %
ratio (PR)
Yun, E, et al 2015 [115] ORC with multiple expanders used in paral- Tsource=120 R245fa 35 7.5
el Tsink =24
Lei, B. etal, 2016 [116] ORC with single Pevap=6-11 R123 8.35 7.98
screw expander PR=85
Pu, W. etal 2016 [117] Organic Rankine cycle for low grade ther- Pcond =1.7 R245fa 1.979 4
mal —
Pevap=6
energy recovery
Pang, K-C. et al 2017 [118] ORC for low grade thermal Tcond=25 mixture of 1.66 4.7-4.8
energy recovery Tevap=119 R245fa:R123 2:1
Li, L. etal 2017 [119] Small scale ORC for low grade heat recov- Pcond=2-3.8 R245fa 4.6-5.4 0.15-0.45
ery Pevap= 15-16
PR=7.3
Yang, S.-C., etal 2017 [120] 3 kW ORC for low grade Tcond= 21.8-43.6 R245fa 2.64 5.92
waste heat Tsource=100
Nematollahi, O. et al, 2018 [121] Small scale ORC with compact metal-foam Tsource =80-120 R245fa 0.3-1.8 3.5-6.6
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Kim, J-S. et al 2019 [122] ORC using radial inflow turbine Pcond= 2.1 R245fa 36 --
Tcond=35
Pevap=3.9
Tevap= 55
Chen, J. et al 2019 [123] ORC for power production Pcond=2.9 R245fa 2.42-3.55 5.2-7.3
Tcond=30
Pevap=11
Tevap=90
Zhang, H-H. et al, 2019 [124] Regenerative organic Rankine cycle